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Simple Method to Improve the Performance of Industrial Evaporators Under
Frosting Conditions
N. F. Aljuwayhel, D. T. Reindl*, S. A. Klein, and G. F. Nellis,
University of Wisconsin - Madison, 1500 Engineering Drive,
Madison, WI 53706, USA; Phone: 608/262-6381; dreindl@wisc.edu
ABSTRACT
This paper describes a theoretical model of a large-scale, ammonia-fed evaporator coil used in an industrial
refrigeration system and operating under low temperature air and refrigerant conditions that are typically
encountered in refrigerated storage spaces. The model is used to simulate the performance of counter- and parallelflow circuited evaporator coil designs under frosting conditions. The counter-flow frost model is validated using insitu data obtained from a field-installed evaporator coil. The performance of an evaporator in a parallel-flow circuit
arrangement is simulated and compared to counter-flow circuiting. The effects of coil circuiting are evaluated in
terms of the frost distribution across the evaporator coil and the associated reduction in cooling capacity.

1. INTRODUCTION
Frost will accumulate on the surfaces of evaporator coils that operate at temperatures below 0°C when the entering
air dew point temperature is above the coil temperature. Frost accumulation is a serious problem that leads to a
reduction in both the capacity and efficiency of a refrigeration system. The degradation in performance is related to
the low conductivity of the frost layer which adds an additional thermal resistance between the air and the
refrigerant and, more importantly, the reduction in air flow rate that is caused by the increased resistance to air flow
through the narrowing channels due to the growing frost layer.
Counter-flow circuiting is largely used in all types of evaporator coils for industrial refrigeration, including direct
expansion, natural recirculation and liquid overfed evaporators. One problem associated with using counter-flow
circuiting for evaporator coils that operate under frosting conditions is that these evaporators will tend to accumulate
more frost in the first few rows exposed to the incoming air. This concentration of the frost build up causes the flow
resistance of the evaporator to increase rapidly which results in a corresponding, large reduction in the flow rate of
air and refrigeration capacity. Such an evaporator will need to be defrosted quite often.
Many techniques have been proposed to reduce the frost accumulation rate thereby increasing the cooling operation
time between defrost; for example, Ogawa et al. (1993) suggest modifications to the evaporator geometry such as
the use of front fin staging, side fin staging and partially cut fins. Ogawa et al. showed that each of these techniques
can be used to reduce the heat and mass transfer rates at the first few rows of evaporator coils. However, any of
these techniques are penalized in that the refrigeration capacity provided by the modified evaporator coils during dry
operation will be less than the dry capacity provided by the unmodified evaporator coils. Also, the modification to
the geometry may be difficult to realize without adding substantial complexity to the fabrication process.
On the other hand, the current study shows that changing the circuiting of the evaporator tubes from counter-flow to
parallel-flow (which can be done either by changing the refrigerant or the air flow direction) will result in an
increase in the heat transfer rate of the dry coil as well as well as a more uniform distribution of the frost buildup and
therefore a longer allowable cooling operation time between defrost.

2. FORMULATION OF THE MODEL
A liquid overfed evaporator coil consisting of multiple rows of finned tube with multiple refrigerant circuits (Figure
1) is considered. The model is formulated for a single refrigerant circuit that is assumed to be representative of the
remaining (n) circuits in the coil. An individual evaporator circuit is divided into a number of sections that is equal
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to the total number of the coil rows in the flow direction. The thermal properties of the freezer air are the inlet
conditions associated with the first section. The outlet air and refrigerant properties for each section become the
inlet properties for the next section (Figure 2).
The evaporator coil air-side heat transfer surfaces are rectangular plate fins that are modeled as equivalent circular
fins each attached to a tube according to Schmidt (1949). The evaporator has a cross-flow configuration in which
the direction of the air flow is perpendicular to the direction of the refrigerant flow. Almost all industrial evaporator
coils are designed so that the refrigerant enters from the back-side of the evaporator coil (i.e., the air exit side) in
what is referred to as a counter-flow arrangement, as shown in Figure 2. However, the present model is formulated
so that the refrigerant inlet can be reversed allowing the refrigerant to enter from the front side of the evaporator coil
(i.e., the air inlet side) in order to simulate a parallel flow arrangement. This small change in circuiting has a
significant impact in the performance of the evaporator under frosting conditions, as discussed in section 4.
Refrigerant Inlet
Circuit
#1
Air exit
(Counter-flow
circuiting)
Air inlet
(Parallel-flow
circuiting)

Air inlet
(Counter-flow
circuiting)

Circuit
#2

Air exit
(Parallel-flow
circuiting)

Circuit
#n

Refrigerant Exit

Figure 1 Schematic diagram showing evaporator coil with multiple rows of finned tubes with
multiple refrigerant circuits and the direction of the air and the refrigerant flow for both the
counter-flow and parallel-flow arrangements.
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Figure 2 Schematic of the first and the second evaporator coil sections as well as the direction of the
air and refrigerant flow for counter- (left) and, parallel-(right) flow arrangement.

2.1 Heat and Mass Transfer Equations
An energy balance relates the enthalpy reduction of the moist air stream to the increase in the enthalpy of the twophase refrigerant within each section of the evaporator:

qtot = m a ( ia ,in − ia ,out ) = m r ( ir ,out − ir ,in )

(1)

where m a and m r are the air and refrigerant mass flow rates, respectively, and ia ,in , ia ,out and ir ,in and ir ,out are the
inlet and outlet air and refrigerant enthalpies, respectively. The total heat transfer rate ( qtot ) is the sum of the
sensible heat transfer rate, ( qsen ), and the latent heat transfer rate, ( qlat ). The sensible heat transfer rate is:
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qsen = ha Ae (Ta , ave − T f , ave )

(2)

where (Ae) is the effective heat transfer area associated with the section, which is equal to the sum of the bare tubing
surface area (Ab) and the fin surface area (Afin) reduced by the total fin efficiency (ηfc):
Ae = Ab + η fc Afin

(3)

Tf,ave and Ta,ave are the average frost surface temperature and the average air dry bulb temperature within the section,
respectively. The average air temperature is defined as:
Ta ,ave = Tr ,ave + ∆Tlm

(4)

where Tr,ave is the average refrigerant temperature and ∆Tlm is the log-mean temperature difference.
Because the typical air-cooling evaporator in an industrial refrigeration system is driven by a constant speed fan, the
air mass (and volume) flow rate will decrease as frost accumulates and increases the flow resistance of the coil. As
a consequence, the air-side convective heat transfer coefficient (ha in Eq. (2)) will also change. In the model, the
mass flow rate of air through the coil is fixed by the intersection of the evaporator’s fan curve and the resistance
curve associated with the frosted coil. Specific correlations for the air-side pressure drop or convective heat transfer
coefficient associated with a frosted coil were not found. Rather, the pressure drop equation described in Kays et al.
(1964) is used with a friction factor correlation suggested by McQuiston (1981). A correlation suggested by
McQuiston (1981) is used to calculate the air-side convective heat transfer coefficient. These correlations were
developed for a bare coil; however, the effect of the frost built up is approximately included by using the air mass
flux based on the minimum free flow area and the local velocity considering the effect of the frost thickness.
The latent heat transfer rate is calculated using the mass transfer coefficient ( hm ) defined by Threlkeld (1970).
hm =

ha
Le cpa

(5)

where (Le) is the Lewis number and (cpa) is the specific heat of dry air. Lewis number is assumed to be 1.0.
The latent heat transfer rate is calculated according to:

(

qlat = hm isg Ae ωa , ave − ω f

)

(6)

where (isg) is heat of sublimation of water, and (ωa,ave) and (ωf ) are the average humidity ratio of the air and the
saturation humidity ratio at the frost surface temperature, respectively. The average specific humidity of the air is
calculated as suggested by Oskarsson et al. (1990):

ωa ,ave − ωa ,in Ta ,ave − Ta ,in
=
ωa ,out − ωa ,in Ta ,out − Ta ,in

(7)

Rearranging Eq. (6) so that it has the same form as Eq. (2) yields:
qlat = hlat Ae (Ta − T f

)

(8)

where hlat is the latent heat transfer coefficient which, can be expressed as:
⎛ ωa , ave − ω f ⎞
hlat = hm isg ⎜
⎟⎟
⎜T
⎝ a , ave − T f ⎠

(9)

The total heat transfer rate within any section of the heat exchanger is then:

qtot = q sen + qlat = ( ha + hlat ) Ae (Ta , ave − T f

)

The fin efficiency ( η f ) for a circular fin with an adiabatic tip (Incropera and DeWitt (1990)) is:
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ηf =

(

2r1

m r22 − r12

)

⎡ K1 ( mr1 ) I1 ( mr2 ) − K1 ( mr2 ) I1 ( mr1 ) ⎤
⎢
⎥
⎣⎢ I 0 ( mr1 ) K1 ( mr2 ) + K 0 ( mr1 ) I1 ( mr2 ) ⎦⎥

(11)

where Kn and In are modified Bessel functions of the nth order (the first and second kinds), r1 and r2 are the inner
and outer radii of the equivalent circular fin, respectively, and m is the fin constant given by:
2 heff

m=

(12)

k fin Fthk

where kfin is the conductivity of the fin material, Fthk is the fin thickness and heff is the effective heat transfer
coefficient. The effective heat transfer coefficient is defined so that it accounts for both latent and sensible heat
transfer as well as for the conductive resistance of the frost layer:
−1

⎛
δf ⎞
1
heff = ⎜
(13)
+
⎜ ( ha + hlat ) k f ⎟⎟
⎝
⎠
where δf is the thickness of the frost layer and kf is the average frost thermal conductivity which is calculated using
the correlation developed by Lee et al. (1994). The inclusion of the latent heat transfer coefficient and the insulation
effect of the frost in the fin efficiency, as described by Eqs. (12) and (13), was previously described by Kondepudi et
al. (1993). A thermal contact resistance between the coil tubes and the fins (Rc) is included in the total fin efficiency
(ηfc) using Eq. (14):

η fc

⎡
= η f ⎢1 + η f A fin heff
⎢⎣

⎛ Rc
⎜
⎜ A fin,c
⎝

⎞⎤
⎟⎥
⎟⎥
⎠⎦

−1

(14)

where Afin,c is the contact surface area between the coil tubes and fins. The value of the thermal contact resistance
assumed is:

(

Rc = 0.0625 × 10−4 m 2 K W

)

(15)

The rate at which water vapor is transferred from the air stream to the coil surface ( m f ) is:

m f = m a (ωa ,in − ωa ,out ) = hm Ae (ωa , ave − ω f

)

(16)

The frost layer density (ρf) at any time is calculated using a system of equations developed by Malhammar et al.
(1988). The increase in the frost layer thickness (∆δf) over a specific time interval of duration (∆t) is:
∆δ f =

m f ∆t

(17)

Atot ρ f

where (Atot) is the total heat transfer area. Note that Eq. (17) implies that the frost will form uniformly over the tube
and fin surface at any location; however, the model allows for the non-uniform buildup of frost through successive
rows in the coil. The total heat transfer rate can finally be expressed as:
qtot =

(T

a , ave

− Tr , ave )

R fa ln ( Do Di )
R fr
δf
1
1
+
+
+
+
+
( ha + hlat ) Ae k f Ae Ae 2π Lktube htp Ai Ai

(18)

where ktube is the thermal conductivity of the tubes and htp is the refrigerant-side two-phase heat transfer coefficient,
computed using a system of equations developed by Jung et al. (1989), and Rfa and Rfr are the fouling factor on the
air and the refrigerant side, respectively. The fouling factors as suggested by Rosenhow et al. (1985) are:

(

R fa = R fr = 3.5 × 10−4 m 2 k W

)
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Pressure drop on the refrigerant-side has typically been ignored in frost models (for example, Kondepudi et al.
(1993) and Seker et al. (2004); however, the refrigerant-side pressure-drop plays a significant role in industrial
evaporator coils because it produces a non-negligible temperature change on the refrigerant-side of the circuit which
significantly affects the distribution of the frost formation and therefore the behavior of the coil under frosting
conditions. The frictional pressure drop on the refrigerant-side within the straight tube sections is calculated using
correlations developed by Muller, et al. (1986) and the inertial pressure drop associated with the flow of the twophase refrigerant through the tube bends is calculated using correlations developed by Paliwoda (1992).

3. COUNTER-FLOW FROST MODEL VALIDATION
The equations and correlations described in the previous section are combined to form the evaporator model for both
counter-flow and parallel-flow circuiting. The evaporator model developed is solved using Engineering Equation
Solver (Klein (2006)). The predictions of the counter-flow frost model are compared and validated with
experimental data obtained from a field experiment on an industrial air-cooling evaporator, the model showed good
agreement with the measured cooling capacity, air flow rate, temperature difference between the inlet and the exit
air streams and the total mass of accumulated frost;a discussion of the experiment and the resulting data are
presented in Aljuwayhel et al. (2006). The details of the experimental evaporator coil are summarized in Table 1.
Table 1 Geometry and operating conditions of the coil used in the experiment
Parameter
Value
Parameter
Value
Fin pitch
0.85 cm (3/inch)
Fin/tube material
aluminum/carbon steel
Face area
8.23 m2 (88.56 ft2)
Evaporation temperature
-34.4°C (-30°F)
Tube diameter
0.019 m (0.75 in)
Refrigerant
ammonia
Tube length
5.5 m (216 in)
Coil mass
3,900 kg (8,600 lbm)
Number of tubes
260
Nominal capacity
130 kWT (37 tons)
Number of tube row
10
Number of fans
5
Tube transverse pitch,
0.057 m (2.25 in)
Horse power per fan
3.125 hp @-30F
Tube longitudinal pitch,
0.044 m (1.75 in)
Rated CFM
1,699 m3/min (60,000 cfm)

4. COUNTER-FLOW VERSUS PARALLEL-FLOW OPERATION
Figure 3 compares the evaporator cooling capacity predicted by the frost model using counter-flow and parallel-flow
circuiting for otherwise the same evaporator geometry and operating conditions (Table 1). Figure 3 shows that there
are several advantages associated with using the parallel-flow configuration as compared to the more conventional,
counter-flow circuiting arrangement. The dry coil cooling capacity predicted for the parallel-flow circuiting (i.e.,
the capacity at the beginning of the simulation) is 8% higher than for the counter-flow arrangement; this observation
agrees with the predictions of Nelson (1990), who suggested that there is a 3-4% performance advantage associated
with a parallel-flow circuiting arrangement for liquid ammonia overfed evaporator coils operating under dry
conditions.

Figure 3 Comparison between the evaporator cooling capacity predicted by the counter-flow frost
model and the parallel-flow frost model versus time.
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The reason for the dry coil advantage is evident by observing the trends shown in Figure 4 and 5. Figure 4 shows a
row-by-row comparison of the refrigerant temperature, air temperature, and the overall heat transfer coefficient at
the beginning of the simulation (time = 0) for the (a) parallel- and (b) counter-flow arrangements. Figure 4(a) shows
that the temperature difference between the ammonia and the air in a parallel-flow configuration decreases slightly
for the coils that are deeper into the evaporator (i.e., coils with higher row numbers) whereas the overall heat
transfer coefficient increases with row number. These effects balance and result in a nearly uniform distribution of
the cooling load; as shown in Figure 5. The decrease in the refrigerant temperature is due to the decrease in
refrigerant pressure associated with frictional and inertial pressure loss while the change in the overall heat transfer
coefficient is due to the increase in the refrigerant quality as it evaporates. Figure 4(b) shows that the temperature
difference between the ammonia and the air in a counter-flow configuration will decrease significantly with
increasing coil rows as will the overall heat transfer coefficient. As a result, more of the cooling capacity will be
provided by the first few coil rows, as shown in Figure 5.
Overall, the effectiveness of the counter-flow configuration is somewhat lower than the effectiveness of the parallelflow configuration, which results in a slight reduction in the initial cooling capacity of the coil. It is interesting that
this trend towards higher effectiveness for a parallel-flow configuration is exactly opposite of what is expected for a
conventional heat exchanger; this counter-intuitive result occurs because the temperature of the refrigerant (which is
increasing in enthalpy) will actually decrease in the direction of flow because of refrigerant-side pressure drop.
Another and potentially more significant advantage of the parallel-flow over the counter-flow circuiting arrangement
arises due to the manner in which frost accumulates on the coil surface. The effectiveness advantage of the parallelflow configuration tends to increase with time as frost accumulates; this effect is shown in Figure 3 where the
predicted cooling capacity for the parallel-flow arrangement at the end of the simulation is 15% higher than the
counter-flow arrangement. The improvement in the cooling performance under frosting conditions is primarily due
to the characteristics of the frost accumulation and the associated effect on the air-side pressure drop. Just as the
first few rows of the counter-flow configuration tend to supply most of the refrigeration, these rows also tend to
accumulate most of the frost. Therefore, after the same amount of operating time, the minimum air-side flow area
(which tends to dominate the flow resistance of the coil) for the counter-flow configuration will be much less than
for the parallel-flow configuration and the air-side flow resistance will be much higher. Figure 6(a) shows the
calculated air velocity as a function of time and illustrates that the air flow reduction due to frost buildup is
substantially higher for the counter-flow configuration even though the total mass of the accumulated frost is
actually slightly smaller (see Figure 6(b)).

(a)
(b)
Figure 4 Predicted air and refrigerant temperature and UA across the evaporator coil for the (a)
parallel-flow and (b) counter-flow configurations.
Figure 7 shows the percent blockage as a function of time for selected rows in the coil for the (a) counter- and (b)
parallel-flow configurations; the counter-flow arrangement results in almost a 45% difference in the % blockage
between the first and the last rows at the end of the simulation while there is only a 8.5% difference for the parallelflow arrangement. Figure 7 shows that the first row of the counter-flow coil will reach 74% blockage at the end of
the simulation as compared to only 58% blockage for the last row of the parallel-flow arrangement. This result
clearly shows that parallel-flow evaporator coils can operate for a longer time before they must be defrosted. If, for
example, the defrost cycle is initiated when the evaporator cooling capacity drops by 25%, then with the parallelflow arrangements, the cooling mode period can be extended in time by 38% (13.5 hours), as shown in Figure 3.

International Refrigeration and Air Conditioning Conference at Purdue, July 17-20, 2006

R102, Page 7

Figure 5 Cooling capacity across the evaporator for the counter-flow and parallel-flow
configurations.

(a)

(b)

Figure 6 Comparison between the air velocity (a) and the total mass of the accumulated frost (b)
predicted by the counter-flow and parallel-flow frost models over time.

(a)
(b)
Figure 7 Percentage of the blockage of the air path caused by frost accumulation at different rows of
the evaporator coil over time for (a) counter-flow and (b) parallel-flow circuiting.

5. CONCLUSION
This study shows there are two key advantages of the parallel-flow versus the counter-flow evaporator coils:
•

The effectiveness of the counter-flow overfed industrial evaporator coils is slightly less than the
effectiveness of the parallel-flow overfed industrial air-cooling evaporator coils and therefore the parallelflow configuration provides slightly higher dry-coil cooling capacity.

•

The cooling coil capacity advantage of the parallel-flow versus the counter-flow configuration tends to
increase with time as frost accumulates. This is due primarily to the distribution of the accumulated frost
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and its effect on the air-side pressure drop. Parallel-flow evaporator coils can be used for a significantly
longer period of time before they must be defrosted.

NOMENCLATURE
Ab
Atot
Ae
Afin
Ai
cpa
Di
Do
Fthk
ha
hm
hlat
heff
htp
ρ
ηf
ηfc
ω
δf

Bare tube outside surface area (m2)
Total heat transfer area (m2)
Effective heat transfer area (m2)
Fin surface area (m2)
Tube cross section area (m2)
Specific heat for air (J kg-1 K-1)
Tube inside diameter (m)
Tube outside diameter (m)
Fin thickness (m)
Convective air side heat transfer coefficient (W m-2 K-1)
Mass transfer coefficient (kg m-2 s-1)
Latent heat transfer coefficient (W m-2 K-1)
Effective air heat transfer coefficient (W m-2 K-1)
Refrigerant heat transfer coefficient (W m-2 K-1)
Greek symbols
Density (kg m-3)
Fin efficiency
Fin efficiency including contact resistance
Specific humidity
Thickness of frost layer

Pfin
Pt
Pr
r1
r2
T

Enthalpy (kJ kg-1)
Fin thermal conductivity (W m-1K-1)
Frost thermal conductivity (W m-1K-1)
Tube thermal conductivity (W m-1K-1)
Lewis number
mass flow rate (kg s-1)
Fin pitch (m)
Transverse tube pitch (m)
Longitudinal tube pitch (m)
Tube outside radius (m)
Fin equivalent radius (m)
Temperature (K)

f
a
r

Subscripts
Frost
Air
Refrigerant

i
kfin
kf
ktube
Le

m
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